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ABSTRACT 

In large diameter piping, high-frequency energy can produce 
excessive noise and vibration, and failures of thermowells, instru- 
mentation, and attached small-bore piping. In severe cases, the 
pipe itself can fracture. Perhaps more precisely called "high wave 
number" problems, these problems most often manifest themselves 
in centrifugal compressors, screw compressors, heat exchangers, 
and silencers. 

Two high-frequency energy generation mechanisms 
predominate in most industrial processes; flow induced (vortex 

shedding) and pulsation at multiples of running speed (blade-pass 
in centrifugal compressors and pocket-passing frequency in screw 
compressors). Once this energy is generated, amplification may 
occur from acoustical and/or structural resonances, resulting in 
high amplitude vibration and noise. 

To resolve these problems successfully, an understanding of the 
underlying physics of two- and three-dimensional acoustics is 
necessary. With these principles in mind, modifications to the 
piping system can be considered for the particular application. The 
three-dimensional wave equation is used to analyze the 
propagation of the high-order (cross-wall) acoustical modes in the 
duct or pipe. These cross-wall modes can be diametrical (m) 
modes, annular (n) modes, or combined (m, n) modes. By 
reformulating the resulting differential equations into polar 
coordinates and applying the appropriate boundary conditions, an 
equation for the "cut-on" frequencies, f (,,,), for cross-wall modes 
can be developed that incorporates zeroes of the first order Bessel 
function, /?(,,,), the speed of sound, and pipe diameter. Several 
references provide lists of the zeroes of the Bessel function; 
however, most of these references only provide solutions up to m, 
n = 6. Field tests have identified cross-wall modes up to m = 30. 
Therefore, a table is provided for zeros of /?im,,, form = 0 to 32 and 
n = O t o 8 .  

This paper discusses the excitation and amplification 
mechanisms relevant to high-frequency energy generation in 
piping systems. Mechanisms that allow efficient coupling of this 
energy with the surroundings (either structural or acoustical) are 
discussed. Data from various systems are presented, as well as 
design modifications that have been shown to be effective at 
reducing the high-frequency energy. 

EXCITATION MECHANISMS 

The main sources of the high-frequency pulsation are usually 
vortex shedding and/or blade-pass excitation. The high-frequency 
pulsation typically occurs at frequencies above approximately 500 
Hz, although for systems with large diameter vessels, such 
problems can exist at lower frequencies. Vortex shedding is a 
phenomenon that occurs due to flow over an obstruction. In 
turbomachinery, the primary excitation is due to the interaction of 
a blade or vane with the internal passages. Pulsation occurs at the 
blade-pass frequency (number of blades multiplied by the 
operating speed) and multiples of blade-pass frequency. In screw 
compressors, the intermeshing of the helical lobes generate 
pulsation at the pocket-passing frequency (the number of lobes on 
the male rotor multiplied by the running speed) and multiples of 
the pocket-passing frequency. 

Vortex Shedding 

Vortex shedding occurs due to flow over an obstruction in the 
flow path. At low flow velocities (low Reynolds number), a fluid 
particle can flow completely around the obstruction. However at 
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higher Reynolds numbers, the fluid boundary layer at the trailing 
edge of the obstruction will separate, causing shear layers that trail 
the obstruction. These shear layers tend to roll into vortices that are 
alternately shed from either side of the obstruction (Figure I). The 
alternate shedding occurs at regular intervals and therefore 
produces an oscillating pressure field (pulsation). 
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Figure 1. Vortex Shedding Across an Obstruction for Dzfferent 
Flow Regimes. 

Pulsation induced by vortex shedding can be extremely 
complex. A detailed explanation of this phenomenon is available in 
Blevins (1973). However, a simplified analysis can be performed 
using the concept of the Strouhal number. The frequency of the 
vortex shedding can be described by Equation (1): 

where: 

f = Vortex shedding frequency, Hz 
V = Flow velocity, ft/sec 
S = Strouhal number 
D = Effective diameter of the obstruction (ft) 

Note that the vortex shedding frequency f increases with increasing 
flow velocity V. For a single smooth tube, the vortex shedding 
Strouhal number is approximately 0.2. When several tubes are 
grouped together (as in a heat exchanger or boiler), the Strouhal 
number can range from 0.2 to 1 .O. It has been found that the Strouhal 
number for flow across obstructions typically ranges from 0.2 to 0.5. 

Blade-Pass/Pocket-Pass Excitation 

In centrifugal compressors, energy can be created by the action 
of the blades passing by various internal components of the 
compressor. As a blade tip moves past some internal clearance, a 
wake is generated that produces a pressure pulse. This action is 
termed blade-pass excitation. In screw compressors, the 
intermeshing of the helical lobes of the male and female rotors 
create progressive cavities that produce flow modulations in the 
inlet as the cavity is formed, and in the outlet as the cavity 
discharges its contents. 

The frequency of this energy (fbP) is the running speed 
multiplied by the number of blades on the impeller wheel (for 
centrifugal compressors), or the number of lobes on the male rotor 
multiplied by compressor running speed (for screw compressors). 
Energy can also occur at integer multiples of blade-pass or pocket- 
pass frequencies. 

where: 

fbp = Pulsation frequency, cpm 
1 = 1, 2, 3... 
n = Number of impeller vanes (blades) or lobes on the male 

rotor 
rpm = Compressor speed 

Depending upon the internal geometry of the compressor, other 
"passing" frequencies may be generated between the blades and 
the inlet guide vanes, diffusers, etc. 

AMPLIFICATION MECHANISMS 

The high-frequency energy generation mechanisms discussed 
above generally produce very low pulsation amplitudes (0.5 psi 
peak-to-peak or less). Alone, this energy is not usually sufficient to 
cause significant vibration or noise. However, just as a radio 
receiver amplifies minute electromagnetic variations into audible 
sound, various amplification mechanisms exist that can amplify 
low-level energy to annoying or dangerous levels. 

Acoustic Cross- Wall Natural Frequencies 

Pulsation in reciprocating compressors and positive 
displacement pumps can generally be described using one- 
dimensional acoustics. In one-dimensional acoustics, the 
wavelength of the pulsation is long compared with the pipe 
diameter, and the pressure pulse travels as a plane wave. In a one- 
dimensional model, the pressure (and flow) properties are assumed 
to vary only along the length of the pipe and are constant over the 
cross-sectional area. 

However, in large diameter ducts and piping, the wavelengths 
of the waves that propagate can be shorter than the 
characteristic dimension of the duct or pipe. When this occurs, 
the wave propagates at an oblique angle relative to the duct or 
pipe wall, as compared with the plane wave propagation in 
which the direction of propagation is parallel to the duct wall. 
As a result, wave interference patterns called cross-wall modes 
are formed in the duct or pipe. The acoustic pressure across a 
specific duct cross-section is not constant, but varies as a 
function of the distance across the duct. These acoustical 
natural frequencies are sometimes referred to as cross-wall or 
high-order modes. 

The three-dimensional wave equation is used to analyze the 
propagation of the cross-wall modes in the duct or pipe. The 
differential equations can be simplified by reformulating the 
equation into polar coordinates and applying the appropriate 
boundary conditions (particle displacement is zero at the pipe 
walls, etc.) and assuming a solution in the form of a Bessel 
function. The piping cross-wall acoustic natural frequencies can be 
computed using Equation (3): 
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where: 

F(,,,) = Pulsation frequency, Hz 
P(,,,) = Zeros of the first order Bessel function 
c = Speed of sound, ft/sec 
d = Pipe diameter, ft 

The first order Bessel function is a continuous function that is 
roughly sinusoidal in shape. Values for the zero crossings of this 
function are shown in Figure 2. The modes are designated by 
ordered pair (m, n) where the integer "m" determines the number 
of radial (diametrical) nodal lines, and the integer "n" determines 
the number of the annular (circumferential) nodal circles. 

Figure 2. Zeros of First Order Bessel Function. 

Figure 3 shows a representation of the pressure mode shapes for 
diametrical modes m = 1 to 4, n = 0, and for annular modes m = 0, 
n = 1 to 4. The mixed modes (where both m and n are nonzero) are 
not shown because of their complexity. In all cases, there is a 
pressure maximum at the wall of the pipe and pressure minima 
along the nodal lines shown in the diagrams. 

Previous laboratory testing has determined that the diametrical 
modes ("m" modes) are easily excited when the excitation source 
is near the pipe wall. Similarly, the circumferential modes ("n" 
modes) are easily excited when the excitation source is near the 
center of the piping (along the axis of the pipe). 

The cross-wall acoustic natural frequencies are also referred to 
as cut-on, or cutoff frequencies. Below the first cross-wall natural 
frequency, m = 1, n = 0 (cutoff frequency), only plane wave 
propagation is possible. However, at frequencies above the first 
cross-wall natural frequency (cut-on frequency), the two- 
dimensional cross-wall modes can propagate down the piping. 
Furthermore, above the cut-on frequency, these modes have little 
or no damping and can travel long distances unattenuated. 

Shell Wall Natural Frequencies 

At low frequencies, pipe vibration occurs laterally along its 
length (like a beam). At higher frequencies, the pipe shell wall 
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Figure 3. Cross- 1Yull Amusticat 1bfode Shupes for ( n l  = 1 to 4, 11 = 
0) and (m = 0, n = I to 4). 

begins to vibrate radially across its cross-section. This could be 
viewed as a "breathing" mode if all points were vibrating in-phase. 
At progressively higher frequencies, adjacent portions of the pipe 
shell may vibrate out-of-phase, producing a sine-wave around the 
circumference. Examples of these mode shapes are shown in 
Figure 4. 
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Figure 4. Piping Shell Wall Vibration Mode Shapes. 

A number of theories can be used to calculate the shell wall 
natural frequencies for shell wall vibration. For infinitely long 
pipe, a closed form solution has been developed, as provided in 
Blevins (1979). Using Equation (4) and Equation (5), it can be 
shown that the natural frequencies are primarily controlled by the 
piping diameter and wall thickness. The frequencies are also 
slightly influenced by the internal pressure in the piping. To 
account for internal pressure, the effective pipe wall thickness 
should increase by 5 percent to 10 percent. 
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Experience has shown that the accuracy of these calculations is 
sufficient for a pipe span approximately one diameter away from 
significant discontinuities (e.g., flanges, tees, elbows, etc.). 

where: 

Shell wall natural frequency, Hz 
Frequency factor, dimensionless 
Mean radius of pipe wall, inch 
Poisson's ratio 
Mass density of pipe material, lb/g-in3 
Modulus of elasticity of pipe wall, psi 
Pipe wall thickness, inch 
Mode number, 2, 3, 4... 
Gravitational constant, inchlsec2 

Radiation Eficiency 

Each of these shell wall natural frequencies (f,, i = 2, 3 , 4  ...) has 
a particular mode shape defined by the number of diametrical node 
lines (Figure 4). For a particular mode shape to be an efficient 
radiator of noise (or conversely, to be easily excited by pulsation), 
the bending wavelength of the shell wall vibration must be equal to 
or greater than the wavelength of the acoustical wave in air. This 
characteristic is termed radiation efficiency. 

The point at which the two wavelengths match is called the 
coincidence frequency. If the shell wall natural frequency is lower 
than the coincidence frequency, the mode will not be an efficient 
radiator of noise. At shell wall frequencies above the coincidence 
frequency, the mode can radiate sound effectively. 

The coincidence frequency is defined by Equation (6). 

where cai, is the speed of sound in air and kb is the bending 
wavelength of the shell wall mode. For pipes, the shell wall modes 
have a bending wavelength defined by: 

where d is the diameter of the pipe and N is the number of 
diametrical node lines. 

The evaluation of whether a mode is an efficient radiator of 
sound is made simpler by computing the ratio of its natural 
frequency, fi, to the coincidence frequency, f,. Modes that have 
ratios greater than or approximately equal to 1.0 will radiate sound. 
Values less than approximately 0.7 denote modes that are poor 
radiators of sound. 

The radiation efficiency concept also provides an indication of 
the degree of coupling between pulsation in the gas inside the pipe, 
to shell wall vibration. 

where cgas is the speed of sound in the gas. Values greater than one 
will denote modes that can transfer energy to the pipe wall easily, 
while values less than one denote modes that are less efficient at 
transferring their energy. 

Equation (4) through Equation (8) can easily be set up into a 
spreadsheet for computation. One such computation for a heavy 

hydrocarbon flowing in a 36 inch steel pipe is shown in the table in 
the section, Calculations. 

REDUCING HIGH-FREQUENCY 
PULSATION AND VIBRATION 

There are several techniques available to achieve reductions of 
high-frequency energy. The energy generation mechanisms can be 
reduced or eliminated, and/or the amplification mechanisms can be 
removed. Additionally, it is sometimes possible to simply control 
the vibration by using damping, or to reduce the pulsation energy 
by using acoustical absorption material inside the pipe. 

Reduction of Vortex Shedding Energy 

The first step to reducing vortex shedding energy (pulsation) is 
to identify the particular components causing shedding. Since the 
frequency of the excitation is known, Equation ( I )  can be used to 
determine the approximate size of the obstruction. With this 
information, it should be possible to determine if an obstruction (or 
gap) exists in the piping that conforms to the required size that 
would result in pulsation in the frequency range of interest. 

Sometimes, these structures can be modified to discourage 
shedding, or to change the shedding frequencies. Figure 5 shows 
several ways to reduce vortex shedding. Adding strakes or airfoil 
shapes are the most commonly used methods. 

Flag 

Helical 
Strake 

Perforated Axial 
Shroud Slots 

Plates 

1: or Ribbon Hair 

Aerodynamic 
Fairing 

Pivoting 
Fairing 

Figure 5. Vortex Suppression Devices. 

If prevention of vortex shedding is not practical, the vortex 
shedding frequencies can be shifted away from acoustical or 
mechanical natural frequencies by making the effective diameter of 
the obstruction larger or smaller. Alternatively, the flow path could 
be altered to reduce or increase velocities across the obstruction. 

Reduction of Blade-Pass Pulsation 

Since blade-pass pulsation is caused by interactions within the 
compressor, it is usually difficult to reduce blade-pass excitation 
without altering compressor performance. The compressor 
manufacturer should be consulted to assess possible methods to 
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reduce blade-pass energy. Increasing the internal clearances 
between the impeller vanes and diffuser blades or cutwater ("B 
Gap," Figure 6) has been shown to be effective in some cases. 
Modification of the flow-path has also been successful. 

Gap B 

I 

X-Brace in Pipe 

Figure 6. Cutwater ("B" Gap) Clearance. 

If it is not possible to reduce blade-pass energy amplitudes, 
changing the number of impeller blades can shift the frequency. 
Adding blades generally produces lower amplitude blade-pass 
energy. 

Prevention of Cross- Wall Acoustical Modes 

Changing the internal dimensions of the pipe can shift the natural 
Tube Bundle in Pipe - & 

frequencies of cross-wall modes. However, since it is not usually 
Q~~~ 7, internal pipe ~ ~ d i f i ~ ~ ~ i ~ ~  to ~i~~~~~~~~ ~~~~~~i~ 

practical to provide a significant diameter change, "flow-splitters" ~ ~ ~ ~ ~ - ~ ~ l l  ~~d~ ~ ~ ~ ~ ~ ~ i ~ ~ ,  
can be added inside the pipe to change the internal geometry, which 
significantly shifts the cross-wall natural frequencies. 

Depending upon the frequencies and number of modes involved, 
an internal X-brace (Figure 7) may be sufficient. In some cases, a 
more complicated modification called a "tube bundle" may be 
required (Figure 7). A potential problem with such modifications is 
that the cross-wall modes can re-form in the piping upstream or I 

downstream of the tube bundle or X-brace. It is difficult to 
determine the length of the tube bundle or X-brace required to 
prevent reformation of the cross-wall modes. Laboratory tests Perforated ~ ~ t a l  

indicated that for tube bundles that are several pipe diameters in 
length, the cross-wall modes tend not to re-fir&, but for flow 
splitters, the modes may re-form downstream of the splitter. 

Another method to attenuate cross-wall modes is with 
acoustically absorptive material (Figure 8). Since all the cross-wall 
modes have a maximum pressure boundary at the edge of the pipe, 
applying absorption material at this boundary (which enforces a 
pressure-release condition) will discourage cross-wall mode 
formation. One drawback to this approach is that absorption 
material inside the pipe is not acceptable under many 
circumstances (e.g., when liquids are present, high temperatures, 
etc.). Also, it can be difficult to contain the absorption material. 
Often, the absorption material is restrained with wire mesh or 
perforated metal. Figure 8. Absorption Muterial Applied to Silencer Internuls. 
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A final method to dissipate high-frequency energy is through use 
of reactive silencers. These silencers make use of various volume 
and choke tube arrangements to attenuate the energy before it can 
propagate into the piping. However, care must be taken to design 
the silencer so that cross-wall modes do not form in the silencer 
itself. A poorly designed "silencer" can actually become an 
amplifier, potentially creating destructive levels of pulsation and 
vibration energy. Additionally, the silencer intemals can be prone 
to vibration induced failures. 

Reduction of Shell Wall Vibration 

In some cases, it is not practical to reduce the pulsation energy 
sources or attenuate the acoustical cross-wall modes. Increasing 
the pipe wall thickness can reduce the shell vibration levels. 
However, it is generally impractical to replace existing piping with 
thicker wall piping. In these cases, adding damping to the piping 
and surrounding structures can be effective at reducing the shell 
vibration amplitudes. There are two basic types of damping 
treatment for structural damping: extensional (unconstrained or 
free-layer damping) and shear (constrained-layer damping). 

Extensional damping treatment (Figure 9) consists of a single 
piece of visco-elastic damping material bonded directly to the 
structure surface. As the surface deforms, the damping material is 
subjected to tension-compression deformation. While this type of 
damping is the easiest to design and apply, extensional damping is 
usually not as effective as constrained-layer damping. 
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Figure 9. Plate and Shell Damping Treatments-Extensionul and 
Constrained Layer: 

Constrained-layer damping (Figure 9) is similar to extensional 
damping, except that the damping material is constrained by an 
outer metal layer. As the pipe wall is deformed, the outer metal layer 
constrains the damping material and forces it to deform in shear. The 
thickness of the outer metal layer and the thickness and material 
properties of the damping material control the effectiveness of the 
constrained-layer damping. Normally, the thickness of the outer 

metal layer should be approximately 25 percent to 50 percent of the 
pipe wall thickness. Theoretically, the maximum damping is 
obtained with very thin damping material, since the shear is higher. 

For flat plates, a very thin damping layer can be used. However, 
for large diameter piping, it can be impractical to fabricate a 
constraining layer with tolerances less than one-eighth inch. 
Thicker damping material can be used (good success has been had 
using sheets of silicone rubber or neoprene), but the effective 
damping will be reduced from the ideal case. 

Acoustical Lagging 

For situations where vibration is not a problem, but noise levels 
are excessive, it is sometimes desirable to add acoustical "lagging" 
to the piping to absorb the noise, rather than to try to reduce the 
source or amplification mechanisms. The choice of lagging 
material is important. Absorption material that is appropriate for 
the frequency of noise must be selected. 

A typical lagging application is shown in Figure 10 (adapted 
from Pelton, 1993). Note that the absorption material is surrounded 
by a mass layer (usually lead or vinyl). Lower frequency 
applications will require thicker mass layers. In some cases, several 
sandwiches of absorption material, mass layer, must be used to 
achieve acceptable noise attenuation. 

Absorpt ive 
Layer 

Figure 10. Acoustical Lagging Applied to the Exterior of a Pipe. 

TESTING 

To diagnose these types of problems, field testing is usually 
required. The test program philosophy is to try to identify energy 
generation mechanisms (such as blade-pass pulsation or vortex 
shedding) and determine transmission paths and/or amplification 
mechanisms. Eliminating energy generation, short-circuiting the 
transmission path, andor changing the amplification mechanisms 
can reduce vibration and noise. The following sections describe a 
typical instrumentation and test procedure. 

Instrumentation 

A variety of instrumentation is required, including high- 
frequency accelerometers, insertion pulsation probes, 
microphones, strain gauges, and impact hammers. 

High-Frequency Accelerometers 

Measurement of piping shell wall vibration requires low-mass, 
high-frequency accelerometers. The accelerometers should be 
attached to pads that are either glued or welded onto the structure. 
In some cases, acceleration levels in excess of 500 g's zero-peak 
have been measured. Such extreme amplitudes can damage 
accelerometers, or cause the electrical connections and wires to 
fail. Therefore, specially constructed wiring and accelerometers 
may be required. 






































